Existing control schemes which distribute the roll moment by employing the ratio of the damping force of the front axle to the damping force of the rear axle using a semiactive suspension lack a theoretical foundation. Given that a new variable-stiffness variable-damping system configuration may require adjustment of only the damping force of a variable damper, this study considers an ordinary magnetorheological damper semiactive suspension itself as equivalent to a variable-stiffness variable-damping suspension system. The configuration of the semiactive suspension does not need any modifications. A novel control strategy is presented to control the stiffness of the suspension to distribute the roll moment between the front axle and the rear axle, and to regulate the damping force of the suspension to control the attitude of the vehicle body. This strategy considers neutral steering as the control target and minimizes the body accelerations in three directions. A nonlinear controller for the roll moment distribution and three fuzzy controllers for control of the attitude of the vehicle body are designed. The roll moment distribution coefficient is combined with three output control forces from the fuzzy controllers. Using decoupling calculations, the control forces in three directions are decoupled into four control forces generated by four magnetorheological dampers. The simulation results demonstrate that the proposed control strategy can achieve a favorable handling stability while maintaining an acceptable ride comfort.
Introduction
The roll moment caused by vehicle cornering transfers the weight of the vehicle from the inside to the outside. Owing to the nonlinear nature of the tires, the lateral normal load transfer on the front axle or the rear axle reduces the lateral force generated on its axle. Thus, when most of the roll moment distribution is on the front axle, this causes the vehicle to understeer whereas, when most of the roll moment distribution is on the rear, this causes it to oversteer. An active suspension allows dynamic distribution of the roll moment resistance between the front axle and the rear axle. Hence, the handling dynamics of the vehicle can be influenced by controlling the roll moment distribution. Williams and Haddad 1 considered the nonlinear relationship between the lateral forces and the normal forces and designed a nonlinear control law of roll moment distribution to improve the yaw rate of a vehicle with an active suspension. However, these researchers did not explain how the control law can be applied using actuators. Williams and Haddad 2 then presented an actual strategy using an active suspension to control the ride comfort and the roll moment distribution. Nonetheless, the manner in which the roll moment 1 distribution should be regulated was not clearly discussed. Lakehal-Ayat et al. 3 decoupled a full-vehicle model into four subsystems. The fourth subsystem was shown to be related to vehicle handling, and a nonlinear controller for the suspension was designed to improve the yaw rate. 4 Wang et al. 5 designed an H N controller using an active suspension to control both the handling stability and the ride comfort. The proposed controller established a handling performance index obtained from the link between the active suspension and the handling.
Can a semiactive suspension (SAS) control the roll moment distribution? Bodie and Hac 6 designed a controller to control the vehicle-handling stability using a magnetorheological damper (MRD) SAS. The main idea of this method was to use variable MRDs continuously to distribute the damping forces between the front axle and the rear axle in order to make the yaw rate of the vehicle as close as possible to the desired value. The controller used the ratio of the roll damping force of the front axle to the roll damping force of the rear axle to distribute the rolling moment. However, this idea lacks a theoretical foundation because, according to vehicle dynamic theory, the roll moment is related to the roll stiffness of the suspension. 7, 8 The effectiveness of distributing the roll moment using the ratio of the roll damping forces is usually unsatisfactory in the low-frequency range. 9 Alternatively, this method cannot change the normal load between the left tires and the right tires on the front axle and the rear axle respectively by adjusting the damping forces when the frequency of the roll moment is low. Lu et al. 10 also analyzed lateral stability control using an MRD in an integrated control system of a vehicle. The MRDs were used to adjust to the normal load of different tires using on-off control.
For variable-damping semiactive vibration control, reducing the vibration in the low-frequency range in which the frequencies are lower than the natural frequency is difficult. 9 Nonetheless, this deficiency can be controlled by an SAS system with controllable stiffness technology. In addition, an SAS system with a variable stiffness and a variable damping can significantly improve the vibration control effect, but the stiffness can scarcely be controlled. Considering this scenario, Liu et al. [11] [12] [13] proposed a new variable-stiffness variable-damping system configuration which needs adjustment of only the damping force of a variable damper. The fundamental principle of this system is the use of one or two adjustable dampers and constant coefficient springs to connect to each other in different series or in parallel to regulate the equivalent stiffness of the rig by changing the damping of the dampers. Similar research studies have been made by other workers.
14, 15 Spelta et al. 16 proposed a quarter-vehicle suspension model with a variable stiffness and a variable damping based on controllable damping dampers and designed a control algorithm. In comparison with the classical passive suspension (PS) and ordinary controllable damping SAS, the proposed suspension significantly improved the performance. Xu and co-workers 8, 17 modified the general PS configuration in which a spring and a damper are connected in parallel. In this configuration, an adjustable damper of coefficient C is linked in parallel to a spring of stiffness K 1 and then connects to another spring of stiffness K 2 in series. The stiffness of K 2 is eight times greater than that of K 1 . The range of variation in the suspension stiffness is K 1 K 2 /(K 1 + K 2 ) ; K 2 when the damping coefficient C of the adjustable damper changes from 0 to a sufficiently high value. These studies used this suspension configuration to implement direct yaw moment control which uses an on-off control strategy to manipulate the dampers and to lower the change in the normal load.
However, the proposed suspension configuration schemes 8, 16, 17 are relatively complex. In particular, these schemes can greatly increase the vehicle cost and may therefore be inappropriate for practical applications. In fact, an ordinary variable-damping SAS system itself is a variable-stiffness variable-damping suspension system. In a quarter-car model, the stiffness of the vehicle suspension system changes between
; K 2 (where K 1 is the suspension spring stiffness and K 2 is the tire stiffness) when the damping coefficient of a variable damper changes from 0 to a sufficiently high value. Liu et al. 11 asserted that the changing range of the stiffness is high when the value of K 1 / K 2 is low. The equivalent stiffness can be changed on a large scale because the stiffness K 2 of the tires is about 10 times higher than the suspension stiffness K 1 .
With reference to the idea of a new variable-stiffness variable-damping system configuration, which needs adjustment of only the damping force of a variable damper, an ordinary variable-damping MRD SAS system itself can be considered as equivalent to a variablestiffness variable-damping suspension system. Therefore, the control strategy proposed by Williams and Haddad 1,2 which controls the roll moment distribution using an active suspension can be utilized by employing an SAS. In this theory, controlling the stiffness of suspension to distribute the roll moment with the SAS in order to regulate the handling stability has a definite theoretical foundation. The use of an MRD as the adjustable damper can create a sufficiently high damping force if sufficient electricity is provided when the suspension vibrates at low frequencies. This procedure allows the vehicle to create a high damping force at a relatively low speed in cornering maneuvers. 6 A new improved MRD, which can create sufficiently high damping forces for low-frequency vibrations, 18 can provide a realistic guarantee for regulating the handling stability. The maximum damping force of the new MRD is up to 3000 N at zero shock velocity. MRDs primarily control the stiffness of a vehicle in the dangerous situation of sharp turning. In this situation, the handling stability is the main concern while maintaining an acceptable ride comfort.
In this study, an ordinary MRD SAS itself is controlled as a variable-stiffness variable-damping suspension to distribute the roll moment between the front axle and the rear axle. Nonlinear vehicle dynamics are developed to describe the effect of the roll moment distribution. A nonlinear handling stability controller that sets neutral steering as the control target is designed to control the roll moment distribution coefficient e. In addition, three full-vehicle SAS fuzzy controllers are designed to manipulate the attitude of the vehicle body, and e is combined with three output control forces from fuzzy controllers. Using decoupling calculations, four MRDs are utilized to realize the roll moment distribution while maintaining an acceptable ride comfort. Correspondingly, the handling stability can be controlled by the proposed control strategy.
The remainder of the paper is organized into six sections. Following the introduction, in the second section, a full-vehicle nonlinear composite model of steering and suspension is described. This model uses a second-order polynomial tire model and introduces the roll moment distribution coefficient e. In the third section, the stiffness control theory of SAS based on MRD regulation is derived. Next, in the fourth section, the nonlinear equation of the roll moment distribution coefficient e is solved. Three fuzzy controllers are then designed, and the control forces are decoupled into four damping forces of MRDs. In the fifth section, the proposed strategy is evaluated and validated using simulation results. Finally, the sixth section concludes the paper.
Full-vehicle nonlinear composite model of the steering and suspension system
When a vehicle turns, its weight is transferred from the inside wheels to the outside wheels. The magnitude of this weight transfer is a function of the mass, the speed, the yaw rate, and the location of the center of mass. This transfer should react against the roll moment produced by the suspension. To utilize the SAS to adjust the distribution of the roll moment in the turning process, a full-vehicle composite model that integrates steering into the MRD suspension system is established on the basis of the work by Chen et al. 19 ( Figure 1 ). The model has nine degrees of freedom, including the lateral motion and the yaw motion of the vehicle, the vertical motion, the longitudinal motion, and the lateral motion of the body, and the vertical motion of the four wheels. z ri (i = 1, 2, 3, 4) refers to the road input to the front left tire, the front right tire, the rear left tire, and the rear right tire, d is the steering input angle of the tires, and f i (i = 1, 2, 3, 4) is the controllable damping force produced by the four MRDs. The differential equations for the full-vehicle SAS with body heave, pitch, and roll, and four wheel heave motions presented in Appendix 2. The differential equations for the vehicle-handling model are 
An empirical tire model 5 is also adopted. This model includes a high-order dependence of the side force on the normal force to obtain the effect of the roll moment distribution according to
where F yi is the force generated by the ith tire, a i is the side-slip angle of the ith tire, N i is the normal force on the tire, C 1 and C 2 are the empirical constants to be determined from the experimental data on the tire, and
The lateral load transfer of the front axle or the rear axle is approximately proportional to the ratio of the corresponding roll stiffness to the total stiffness 20 and can therefore be expressed as
DW r 'm s vr h 2s
where K uf is the roll stiffness of the front axle and K ur is the roll stiffness of the rear axle. The roll moment is expressed as M r = m s v 2 h R = m s vrh where R is the cornering radius. The normal stiffness of the suspension system plays a dominant role in the load transfer of the tires; 8 hence, the normal stiffnesses of the front suspension and the rear suspension are primarily considered. The resistance moment generated by the front axle or the rear axle is M 0 ri = K ui u = k si Dx 2s where i = f, r, k si is the suspension stiffness, Dx is the suspension deflection and is given by Dx'su, and M 0 ri = K ui u = 2s 2 k si u. The lateral load transfer of the front axle or the rear axle can be represented approximately as
where K f = k s1 + k s2 and K r = k s3 + k s4 . In this case, the roll moment distribution coefficient is set as e, ranging from 21 to 1. If the roll moment is completely generated by the front axle, then e = 1. In contrast, e = 21 when the roll moment is totally generated by the rear axle. Therefore, the normal loads on the four wheels with lateral load transfer are depicted as
where W is the weight of the vehicle. Equations (10), (11), (12) and (13) indicate that K f /(K f + K r ) = 1 + e and K r /(K f + K r ) = 1 -e. By substituting equations (12) and (13) into equations (4) and (5) and introducing the notation
and
the vehicle dynamic models (1) and (2) can be rewritten as
According to the above dynamic equations, the state variables for the full-vehicle composite model of steering and suspension are SAS system with variable stiffness and variable damping based on adjustment of the MRD
The roll of a vehicle is related not only to the vehicle suspension deflection but also to the deformation of the tires; hence, the stiffness of the tires directly affects the roll stiffness. The stiffness and the damping of the vehicle body and the tires can be seen as a whole unit by considering the idea of a new variable-stiffness variabledamping system configuration, which needs adjustment of only the damping force of a variable damper. Figure  2 shows the quarter-car model for the SAS. The value of m ui , which is neglected, is typically much lower than that of m si . Hence, the differential equations can be simplified as
where i = 1, 2, 3, 4, m si is the sprung mass of the suspension system and is given by m si = 1 4 m s , and c ai is the damping coefficient of the controllable damping force generated by every MRD for the quarter-car model. The other parameters are the same as those in the fullvehicle model in Figure 1 .
The transfer function for the output displacement z si and the input displacement z ri is
Replacing s by jv, the compliance can be expressed as
where v is the road excitation frequency. Figure 3 illustrates the equivalent model of the SAS for the quartercar model. The equivalent stiffness and damping coefficient can be expressed as
The value of c si is extremely low, and so it can be neglected. If the damping coefficient c ai is sufficiently high, then the equivalent stiffness of the system k i is k ui . In addition, the equivalent stiffness of the system k i is the stiffnesses k ui and k si of the springs in series when the damping coefficient c ai is reduced to zero.
The stiffness of the system can vary in the range
The relative speed of the damper is quite high when in an extreme maneuver such as fishhook turning. The relative speed of the damper is 50-70 mm/s in the usual cornering maneuver 18 during which the MRD can also yield a sufficiently high damping force, 6 i.e. 1000-1500 N. Furthermore, the damping coefficient and the circular frequency are also sufficiently high. Thus, the control authority for controlling the suspension stiffness by the MRD is efficient. Figure 4 presents the equivalent stiffness of the system for changes in the circular frequency and the damping coefficient c ai . Figure 4 shows that k i increases when c ai increases in an appropriate exciting frequency range. Given that
Þ , k i can be adjusted by f i to distribute the roll moment. The adjustment of f i is continuous, which is different from SAS switch control to improve the ride comfort.
Controller design

Solution for the nonlinear equation of the roll moment distribution coefficient
According to a two-degree-of-freedom linear model for steady-state cornering of a vehicle, the yaw rate can be expressed as
where k us is the understeer gradient. Given that neutral steering is the control target (k us = 0), then the reference yaw rate 
, where x is the state vector, u is the control input, and y is the system output, a control law for the given system can be developed using the input-output linearization method outlined by Slotine and Li. 1, 23 Here, the nonlinear system is
where e is the control input. Using equation (15), the control input e now explicitly appears in equation (23) . Therefore, if a control input can be found which satisfies
where K is a positive constant, the tracking convergence is guaranteed through convergence of linear error dynamics. Inserting equations (23) and (15) into equation (25) yields
where e should be solved and should vary between 21 and 1. If no solution exists or if a real solution goes beyond the 21 and 1 interval, then e should be set as 1 or 21 when the vehicle oversteers or when the vehicle understeers respectively. The understeering or oversteering of the vehicle can be determined according to Table 1 , as proposed by Park and Heo. 24 
Fuzzy decoupling controller design
To control the attitude of the vehicle body and to maintain an acceptable ride comfort, a full-vehicle SAS controller is designed. The controller consists of three fuzzy controllers in the three directions of vertical, pitch, and roll and produces three control forces (i.e. f z , f u , and f u ). By using decoupling calculations, the control forces in the three directions can be decoupled into the four control forces generated by four MRDs. The roll moment distribution coefficient e is introduced to distribute the roll moment on the front suspension or the rear suspension.
f z , f u , and f u are provided by three fuzzy controllers, and they have the same processes. Each fuzzy controller consists of three modules: fuzzification, inference engine, and defuzzification. A controller has two input signals: the error which is given by E = r d -r (let r d = 0) and the rate of change in the error which is given by E c = _ r d À _ r, where r = _ z or _ u or _ u and _ r = € z or € u or € u respectively. The scaling factors are used to map the fuzzy logic control input and output to the normalized universe of discourse. The inputs are fuzzified, i.e. membership functions are created to project the inputs into fuzzy sets. The membership functions for the inputs are gaussian functions. The controllers are designed with seven linguistic variables per input: negative big (NB), negative medium (NM), negative small (NS), zero (ZE), positive small (PS), positive medium (PM), and positive big (PB). The inference engine is composed of a base of 'if-then' rules activated by the fuzzified inputs. A total of 49 rules are created on the basis of the engineering understanding of the problem. These rules are adjusted by trial and error. Table 1 presents the rule base (as a lookup table) used for the controllers. The weight of the fuzzy output is defined by the method employed to implement the rules (minimum and maximum), and the center of the area is used for the defuzzification by the centroid method. Each control force outputted by one of the controllers is adjusted to a desired amount by the scaling factor.
After the three control forces are generated, they are transformed by input decoupling transformation into the four actuation forces f 1 , f 2 , f 3 , and f 4 of MRDs in the system.
The equivalent forces for heave, pitch, and roll are defined as
The expressions can be obtained as
The damping forces of MRD in the front axle and the rear axle can be expressed as
The equations obtained are then
Control for heave, pitch, and roll of the car body is converted into control for the four dampers by entering the decoupling transformation expressed by equation (28). Figure 5 shows the block diagram of the proposed control scheme.
Simulations and analysis
The first set of simulations are performed for open-loop constant steering in order to investigate the steady-state handling characteristics and the ride comfort of the vehicle. The road input to the front wheels is a class B road. 26, 27 The way to produce a random road roughness profile is to let the white noise pass a shaping filter. Therefore, the excitation of the road to the wheel can be expressed as the differential equation
where n 0 is the reference spatial frequency and is given by n 0 = 0.1 m
21
, G q (n 0 ) is the road roughness coefficient and is given by G q (n 0 ) = 64 310 26 m 3 /c, f 0 is the lower cut-off frequency of the road inputs and is normally taken as 0.1 Hz, and v(t) is the white noise when the mean value is 0 and the power is 20 dB.
The road displacement to the rear wheels is assumed to be the same as that to the front wheels delayed by (a + b)/v. The steering angle remains constant, and the longitudinal velocity is used as a slope signal with an initial speed of 5 m/s and a final speed of 20 m/s in 35 s. The steering angle is set as d = 5°. Table 2 lists the simulation parameters. The vehicle-handling performance can be directly observed from the locus of the center of gravity of the vehicle, as shown in Figure 6 . In Figure 6 (a), initially, the turning radius of the SAS vehicle decreases when the vehicle speed increases, but then it increases and overlaps the first circle after running for one and a half circles. This situation is asymptotic stable neutral steering so that the vehicle can improve its handling stability. In Figure 6 (b), the cornering radius of the PS vehicle is initially increased but then decreased. Hence, the PS oversteers and loses cornering stability. The PS vehicle inevitably tends to oversteer with increasing lateral acceleration, given that its front spring is softer than the rear spring. Although the front suspension of the SAS vehicle is softer than the rear suspension, it can attain a roll moment distribution in the front axle or the rear axle to obtain an improved handling stability. Figure 7 shows the roll moment distribution. Given the step-steering angle input, e is rapidly adjusted to 21 to overcome understeering, and then e is gradually increased. This procedure can avoid the occurrence of oversteering and can achieve neutral steering. Figure 8 demonstrates the power spectral density of the vertical, pitch, and roll accelerations of the vehicle body. It can be found that the SAS vehicle clearly achieves a significantly better ride comfort than does the PS vehicle system in the three cases, particularly in the neighborhood of body resonance. Figure 9 shows the responses of the suspension deflections of the front left suspension and the rear left suspension in the frequency domain. The reponse of the front right suspension deflection is similar to that of the front left suspension deflection, and the reponse of the rear right suspension deflection is similar to that of the rear left suspension deflection. It can be observed that the SAS can reduce the suspension deflection around body frequency, and the response is much better than that of the PS. Therefore, an SAS requires less rattle space than a PS does.
From Figure 10 , which shows the frequency domain curves of the front left tire deflection and the rear left tire deflection, it can be seen that the SAS response is better than the PS response around the body frequency. However, the SAS and the PS show almost the same amplitudes around the tire frequency. Thus, because the SAS and the PS show almost the same amplitudes, therefore, they have equal road-holding abilities. The response of the front right tire deflection is similar to that of the front left tire deflection, and the response of the rear right tire deflection is similar to that of the rear left tire deflection.
The second set of simulations are performed for a double-lane-change maneuver. The vehicle is assumed to run at a constant speed of 100 km/h for 1.5 s before going into a double-lane-change maneuver with the steering-wheel angle input shown in Figure 11 . Figure 12 show the responses for a double-lanechange maneuver. Figure 12(a) illustrates that the yaw rates for the SAS vehicle are considerably less than those for the PS vehicle. As shown in Figure 12 (b), it is found that much reduction in the side-slip angle of the vehicle is achieved in the SAS vehicle. Furthermore, Figure 12 (c) indicates that the roll angle is reduced greatly in the SAS vehicle. In sum, the designed controller both has a good handling stability and maintains an acceptable ride comfort during the vehicleturning maneuver using control of the stiffness of the suspension by adjustment of only the damping force of a variable damper.
Conclusions
With reference to the idea of a new variable-stiffness variable-damping system configuration, which needs adjustment of only the damping force of a variable damper, an ordinary MRD SAS system, the configuration of which needs no modification, can be considered as equivalent to a variable-stiffness variable-damping suspension system. With this idea, an ordinary MRD SAS itself can distribute the roll moment between the front axle and the rear axle based on a rational theoretical foundation. Thus, the handling stability can be controlled using the SAS with systematic methodology. The proposed controller can distribute the roll moment between the front axle and the rear axle to control the handling stability. The simulation results demonstrate that the controller can achieve a favorable handling stability while maintaining an acceptable ride comfort. Thus, the designed controller presents a novel idea for controlling the handling stability using an MRD SAS. Further experimental research should be conducted in the near future.
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